Due to the excitation from the road micro unevenness, powertrain vibration and conditions of motion (acceleration, braking, curved motion) 
INTRODUCTION
As it is well known, vibration and noise are transferred from powertrain to chassis. In order to reduce this effect to a satisfactory level, powertrain is elastically linked to the vehicle chassis. This system simultaneously absorbs the vibrational excitation that, through the vehicle suspension system, is transferred to the powertrain. Due to the kinetic energy of the powertrain, arising from vibration, the mechanical work in mounts is converted into the heat energy [09] . In practice, the choice of characteristics of the powertrain suspension system is carried out from the conditions of good vibration damping that is transmitted from the vehicle chassis. However, thermal stresses that the powertrain mounts are exposed to are usually ignored, which, in cases of poor cooling, can cause degradation of their characteristics. Therefore, it is considered appropriate to analyse their thermal loads. Research has shown that mechanical work due to the powertrain mounts vibrations turns into a heat transmitted, in a wider sense, to the environment [01, 03, 12, 16, 20] :
where: A -mechanical work (equivalent to the amount of heat), Q t -portion of heat transmitted to the mount body, Q f -portion of heat transmitted to the fl uid (for hydraulic mounts), and Q o -portion of heat delivered to the environment. The work of the forces in the mounts is important for the analysis of the thermal loads and it can be measured and experimentally measured with great diffi culties [23] [24] [25] [26] [27] [28] [29] . Bearing in mind the distribution of heat inside the mount, as well as around it, the problem is signifi cantly improved. It is noted that most of the heat is transferred by convection, and somewhat less by conduction and radiation [23] . Converting mechanical work into heat is much dependent on the mount design. Therefore, during the design of the powertrain suspension system, consideration should be given to creating conditions for good cooling. It is noted that the aim of this study was not to research the powertrain mounts cooling, but rather to determine the amount of heat generated by the vibrations in the mounts. As it is known, classic supports consist of rubber-metal elements, with a damping effect coming from the rubber hysteresis. Hydraulic mounts have additional damping effect of the oil fl ow inside the mount. Bearing in mind the representation of classic -mechanical and hydraulic powertrain mounts in modern freight vehicles, the paper analyses mount thermal loads of a vehicle from the production program of the manufacturer FAP [11] . Motor vehicles represent complex vibrational systems with a majority of masses interconnected by elasto-damping elements, usually of non-linear characteristics. When traveling on uneven roads, and also due to the impact of the excitations coming from the engine and rotating elements, the vehicle performs random spatial vibratory movements. The negative impact of vibration on the characteristics of motor vehicles can be reduced by the correct selection of the position and characteristics of the elasto-damping elements. This can be done using theoretical-experimental, theoretical or experimental methods [04 -06, 08, 09, 13, 14, 17, 18] . In the literature [04 -06, 8, 9, 13, 14, 17, 18] , a number of mathematical-experimental procedures for modelling of the behaviour of the powertrain are described. In this 1)
paper, a medium payload truck FAP 1213 was observed, whose diagram of the powertrain suspension is shown in Figure 1 , and the model relies on the procedure based on the principles of classical mechanics [22] .
MODEL OF THE POWERTRAIN
Depending on the task being handled, various mechanical models of the powertrain and vehicles can be found. It is known from [04 -06, 8, 9, 13, 14, 17, 18] that in the course of the analysis of the problem of transmission of dynamical loads from the powertrain to the frame of the vehicle, the cabin vibration and the cargo box can be neglected. More precisely, the analysis includes only the vibratory movement of the vehicle powertrain and the corresponding excitation from the vehicle frame. The general rule in modelling mechanical systems, and in this case powertrain vibration, is to select the model structure so that it includes the minimum number of parameters that allows the analysis of the desired variable. This points out the need to use as simple as possible mathematical models, because due to the lack of precise inertial parameters of the powertrain, as well as the mount characteristics, more complex models can lead to larger errors [05, 06, 08, 09]. In this case, the layout of powertrain suspension of the observed freight vehicle FAP 1213 is shown in Figure 1 . Powertrain, as a solid body in the space, has six degrees of motion freedom (three translations and three rotations) [13, 22, 24] . Geometric C.G. axes have been adopted here so as to observe the motion of the powertrain, starting in an equilibrium position, which will be discussed later. It is important to note that the use of geometric axes leads to the need for the use of centrifugal moments of inertia, but, in light of the easier analysis, it is considered necessary to introduce the assumption that they are at the same time the main axes of inertia. Powertrain performs spatial vibrations under the infl uence of excitations received from the frame (which arise from the unevenness of the road and the vibration of the frame as an elastic system), as well as from the inertial forces and torque of the engine and rotating masses, and the like. In order to describe the vibrational motion of the powertrain, we will adopt two coordinate systems, [22, 24] , Figure 2 :
• fi xed and • mobile, which is fi rmly attached to the powertrain. The motion of the powertrain C.G. in the space is defi ned by the coordinate Z and the rotation of the powertrain around the C.G. (as a fi xed point) is described by the angle -roll.
Figure 2: Introduced coordinate system to describe motion of the powertrain
To describe spatial motion of the powertrain, Newton-Euler equations were used [22] .
Figure 3: Excitations due to inertial forces and engine torque
Legend: F in -resulting inertial force of the piston group M e -engine torque E -Acting point of the resulting inertial force and its coordinates relative to the moving coordinate system y -angle of powertrain inclination (in this case, 0 °) where:
-relative velocity of mount deformation, and sign -mathematical function.
Deformations and deformation velocities of the powertrain mounts are defi ned by the following expressions ( Figure 2 ):
Figure 4: Block scheme of hydraulic and active mount
In order to analyse the infl uence of the active suspension system of the powertrain, it is assumed that on each support there is an actuator whose direction of force coincides with the axis Z. It will be assumed that this function is the absolute acceleration in the direction of Z axis [05], Figure 4 :
where: acc=d [9] +bd [10] -measured acceleration of each mount, k -feedback amplifi cation.
In this case, a four-stroke four-cylinder in-line diesel engine with a crankshaft whose cranks are in the same plane (180 ° angle) was used. In the piston mechanisms, there are forces [19] , that drive piston (the forces of gases and the inertial force of the piston group), and on the movable bearing of the crank, the centrifugal and tangential force of the crankshaft occur. In balancing the inertial forces of the piston group mass (ideally if the force develops into the Fourier series), there remain unbalanced inertial forces of the second and higher orders. It is noted that when there are differences in the of piston group masses per cylinders, the unbalanced forces of the fi rst order are also present (in this specifi c case, the the masses were equal).
Assuming that higher-order harmonics can be neglected, the unbalanced inertial force of the observed engine can be expressed in the form [19] .
where: m r -is reduced mass of the piston group, r -radius of the crankshaft crank, -angular speed of the engine crankshaft, -ratio of the radius of the crankshaft krank and the length of the piston rod, t -time.
Using elementary knowledge from the vector theory and principles of statics, and taking into account Figures 2  and 3 , the moment from the resulting inertial force is defi ned by the expression (9) [05] is:
where values in the expression (10) correlate with the Figure 3 . Centrifugal forces are partially counterbalanced by counter weights, or other procedures, which will not be discussed here [19] . Tensile force causes the torque of the engine, which due to its variation has a variable value (unevenness is partially reduced by the fl ywheel) [19] . In the absence of precise data, it is assumed that the torque that affects the powertrain can be described by the following equation Vibration of the powertrain is also infl uenced by the vibration of the vehicle frame, which are of random character [5, 13, 24] . Bearing in mind that the complexity of the vehicle spatial model exceeds the needs of this paper, it is considered appropriate that in this specifi c case the excitations coming from the frame and obtained on the basis excitation = max (r nd -0.5) of the model should not be used. Instead, the broadband functions of the excitation have been adopted:
where, max = 0.01m, rad, r nd -the same meaning already mentioned with the engine torque.
Projections of the generalized forces include all components of the forces and torques of the corresponding mounts in the direction of the observed axis (for mounts 1 to 4), inertial forces and moments of the engine torque, and the unbalanced inertial forces and forces of the active suspension.
THERMAL LOADS OF THE POWERTRAIN MOUNTS
Due to the relative motion of the powertrain and vehicle frame, the work is carried out in the mounts, which is Since the effective value of the relative speed is: the mean power can be written in the following form:
Mean power is transformed into heat, with the dominant convection: where:
-heat transition coeffi cient, S -area of convection, and -temperature difference between the mount and environment Since i and S i are unknown values, whose defi nition requires highly complex research, this will not be discussed in this paper. Bearing in mind that all four mounts had the same characteristics, it was considered appropriate to carry out an analysis of summarized thermal loads.
NUMERICAL SIMULATION AND ANALYSIS OF THE REULTS
On the basis of the expressions (2-16), it can be noticed that differential equations describing the spatial vibrations of the vehicle powertrain are non-linear, it was necessary to solve them numerically by use of the Runge-Kuta method. The integration was carried out with the time increment of 0.0001 s, in 524288 points. This enabled a reliable analysis within the range 0.019-5000 Hz. It is obvious that this range is considerably broader than the excitation range of engine and the complete vehicle powertrain. The integration of differential equations is performed for the cases of classical and hydraulic mounts. More precise analyses related to errors in the calculation of spectra [02] show that for the desired relative random error of 0.1, the relative bias error 0.02, the coherence between the input and the output value of 0.85, it is necessary to make 100 averagings for calculating the autospectra and 138 averagings for calculating of cross-spectra. Since the applied software [10] carried out 2048 aaveragings, it is obvious that errors in the calculation of spectra were made signifi cantly below the upper limits permitted by the technical systems [02, 07, 10] . The parameters of the observed vehicle and its pow- Rear axle ratio, -3.83
Transmission ratio in direct gear, -1 Table 1 , and the coordinates of the points of attachment (mounts) in Table 2 .
Stiffness of the hydraulic mounts in direction of axes X, In the absence of more precise data, the damping characteristics of the hydraulic mounts are roughly defi ned k i1 , Ns/m k i2 , Ns 2 /m X 62000 100 Y 62000 100 Z 62000 100 Table 4 : Presumed damping characteristics of the mounts on the basis of the mount stiffness and the weight they carry [05] , and are given in Table 4 . In the absence of more precise data, the value of the feedback amplifi cation in the case of active mounts was adopted to be 100. For the sake of illustration, the vertical vibration excitations of the powertrain as a result of frame excitation are shown in Figure 5 . It is obvious that the excitations are very variable and so it is necessary to expect signifi cant heat loads of the powertrain mounts. A similar and torques, for all four mounts) are calculated using the expressions (2-16), and the results are shown in Figure 6 . The analysis of the Figure 6 shows that hydraulic mounts bear a slightly higher thermal load than the active ones (for 52 s, hydraulic approx. 2.373 1010 J, and active approx. 2.342 1010 J). Figure 6 shows that the amount of heat increases with time, and that in the absence of cooling, they would experience degradation of the shape and characteristics.
As noted above, the heat fl ux for both types of mounts is calculated, and for the illustration in Figure 7 , the fl ux for active mounts is shown. It is obvious that it varies in Mounts RMS, W Hydraulic 580791310.40 Active 572616837.05 Table 5 : RMS of heat fl ux stochastic manner with time, so it is useful to calculate the effective values for the both types of mounts, which are given in the Table 5 . The analysis of the data from the Table 5 shows that the thermal fl ux is somewhat lower in the active mounts compared to the hydraulic ones. It is noted that the performed research was aimed at determining the ratio of thermal loads of classical and hydraulic mounts, using the model, so that the obtained results can be adopted as orientational, which is acceptable at the stage of development of the conceptual design of a freight motor vehicle.
As the purpose of the research was to determine which component of the excitation (including engine excitation forces and torques) has the major infl uence on the thermal load of the powertrain mounts, it is estimated to be worthwhile to clarify this problem in more detail. It is known that a dynamic system with multiple input variables and one output variable can be shown in Figure 8 [02, 07, 10]. In case that there is a connection between the input variables, the system must fi rst decouple [02, 07, 10] . As in our case this is a system whose heat loads depend on 4 excitations (2 displacements, and two excitations from the engine), we will summarize the theory that allows the analysis of Figure 9 shows the decoupling scheme [02, 10] .
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Bearing in mind the theory from [2] and Figure 8 detailed analysis of data on partial coherence functions. In this sense, the minimum, maximum and effective values of the partial coherent functions are calculated and given in Tables 6 and 7 . Analysis of the data from the above tables shows that the type of mounts has an infl uence on the partial coherence functions, and that their values are within the interval of 0.216 to 1, indicating that there is a coupling between the input variables and the heat fl ux [02] . The analysis of the effective values shows that the inertial force and the engine torque have a greater impact on the thermal loads of the mounts. The performed research was aimed at determining the relationship of thermal loads of hydraulic and active mounts, by use of models, so the obtained results can be adopted as orientational, which is necessary in the design phase of the conceptual design of a freight motor vehicle.
CONCLUSIONS
Based on the performed research, it can be concluded that the applied model of the powertrain can be used to simulate thermal loads of the powertrain mounts of trucks. The performed analyzes have shown that the active mounts have a somewhat lower thermal load than hydraulic mounts of powertrain.
